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Abstract

In the automotive industry, the increasing stringent standards to reduce fuel consumption
and pollutant emissions has driven significant advancements in turbocharging systems.
The centrifugal compressor, as the most widely used power-absorbing machinery, plays a
crucial role but remains one of the most complex components to study and design. While
most numerical studies rely on adiabatic models, this work analyses several Computational
Fluid Dynamics (CFD) models with conjugate heat transfer (CHT) of varying complexity,
incorporating real solid components. This approach allowed a sensitivity analysis of the
performance obtained from the different models compared to the adiabatic case, highlight-
ing the effects of internal heat exchange losses. Moreover, an analysis of the temperature
distribution of the wheel was conducted, along with a thermal assessment of the various
heat flux contributions across the different components, to gain a deeper understanding of
the performance differences. The impact of including the seal plate has been evaluated and
different boundary conditions on the seal plate have been tested to assess the uncertainty
in the results. Finally, the influence of heat exchange between the shroud and the external
environment is also examined to further refine the model’s accuracy. One of the objec-
tives of this work is to obtain a correct temperature profile of the rotor for a subsequent
thermo-mechanical analysis.

Keywords: CFD; centrifugal compressor; CHT

1. Introduction
Turbocharging is one of the most strategic technologies to integrate into an internal

combustion engine. It allows to reach higher specific output powers, in way to reduce
the pollutant emissions and the related consumption, satisfying the recent standards [1].
The centrifugal compressor is the power-absorbing component of this system, thanks to
its inherent ability to achieve a high pressure ratio despite its compact size. The design
objectives of this compressor focus on achieving high performance and a wide operating
range, which is constrained by choking at high mass flow rates and surge at low mass
flow rates. For this reason, over the years an extensive research activity has been carried
out, aimed at understanding the fluid dynamic phenomena under different operating
conditions in order to be able to optimize this component [2–5] and to extend its operating
range [6–8].

During the compression there is a strong internal heat exchange, due to uneven
temperature distribution, which can have a significant impact on the performance [9]. So,
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the heat transfer effect on the compressor originated great interest. Rautenberg et al. [10]
evaluated the heat transfer, which has been also evaluated more recently [11,12]. The
external heat transfer influence has been evaluated experimentally [13–15]. The influence
on the turbocharger efficiency was confirmed by Jung et al. [16] who compared a large
experimental dataset. Aghaali [17] developed a 1D model for a turbocharged engine, which
revealed substantial heat transfer between the turbine and the bearing housing. Later,
Bohn enhanced this approach by incorporating a more detailed 3D model that accounts
for conjugate heat transfer (CHT), which was then integrated into a one-dimensional
framework [18]. Numerous researchers tried to quantify the non-adiabatic phenomena
in the compressor, including the internal heat leakage [19–21]. Moosania and Zheng [22]
assessed the impact of heat leakage through the solid impeller and casing on compressor
performance using a three-dimensional numerical model. Similarly, Gu [23] analyzed the
influence of internal heat transfer across various components, demonstrating a reduction
in compressor efficiency of approximately 1%. Cui [24] quantified the amount of heat
circulating with respect to the input energy. Diefenthal et al. [25] applied thermocouples on
the turbine wheel and shaft to use the temperature measured as boundary conditions for
numerical investigations. Roclawski et al. [26] presented a conjugate heat transfer analysis
for predicting the temperature load on compressor wheels for turbochargers. Some 1D
heat transfer models of the turbocharger system have been presented. Romagnoli and
Martinez-Botas [27] introduced an algorithm for calculating the heat transfer through the
turbocharger, along with a new correlation for the compressor’s non-adiabatic efficiency.
Cormerai et al. [28] proposed a heat transfer model to estimate the temperature difference
between the exhaust and intake manifolds. Abdel-Hamid et al. [29] measured turbocharger
performance at low rotational speeds and developed a method to predict turbine and
compressor performance under non-adiabatic conditions. Chapman et al. [30] used finite
element analysis to study heat fluxes within the main components of a turbocharger,
revealing that the external heat transfer in the turbine is two orders of magnitude higher
than in the compressor.

The exponential growth of hardware resources has allowed to integrate the CFD
simulations into design and analysis of turbomachinery. The same researchers carried
out unsteady simulations of conditions near surge in centrifugal compressors with vaned
diffusers [31]. In their earlier works, they introduced several techniques for predicting the
critical mass flow rate at surge points, utilizing an efficient and simple 3D CFD method dur-
ing the design and development phases of a compressor stage [32,33]. Furthermore, they
examined ways to enhance the surge margin in centrifugal compressors through the use of
casing treatment methods [34]. An in-depth fluid dynamics analysis of a two-stage radial
compressor with refrigerant gas under near-surge conditions has been performed [35].
Machine learning models have been developed to detect instability [36,37]. CFD analysis
can be performed also for aeroacoustics applications in radial blowers [38]. However, CFD
simulations in turbomachinery do not consider the heat transfer due to the high velocities
of the flows. In this paper, different CHT models have been developed to consider the con-
jugate heat transfer between the fluid domain and the solid components of an automotive
centrifugal compressor. A first model includes the solid components of the rotor, while
the second, more complete, model also includes the seal plate. The main objective is to
determine the differences in the performance obtained between the CHT models and an adi-
abatic one, under different operating conditions already at the design speed. Subsequently,
a thermal analysis has been carried out to better understand the identified performance
variations through temperature distributions and the investigation of the contributions of
thermal flux. Finally, some different boundary conditions have been simulated to evaluate
the possible uncertainty in the results, in particular regarding the seal plate and secondly
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regarding the shroud. The aim is to find the most accurate temperature distribution on the
rotor for a subsequent structural analysis with the appropriate thermo-mechanical load. In
fact, accurate rotor temperature profiles are crucial for thermo-mechanical analyses, as they
enable more reliable predictions of thermal stresses, fatigue life and structural deformations
in rotating components.

2. Reference Case
The case study focuses on a compact centrifugal compressor designed for an automo-

tive turbocharging system. As the compressor design is proprietary and protected by a
non-disclosure agreement, the geometric parameters are shared in a non-dimensional for-
mat, based on the inlet diffuser radius, R4. Additionally, some numerical values are either
presented in their corrected form (divided by the corresponding design specifications) or
left out entirely to maintain confidentiality. This particular compressor, which is fitted with
a vaneless diffuser, consists of six main blades and six splitter blades, all designed with
a backswept configuration. The detailed geometric and performance data, therefore, are
selectively provided to ensure that sensitive information is not disclosed. For the purpose
of this work, the back cavity, i.e., the fluid domain between the back face of the rotor and the
seal plate, has been included. Conversely, the volute was not included in this study, as the
study aims to focus on the compressor stage, with particular attention to the rotor’s thermo-
mechanical loading. Then, the solid domains of the rotor, shaft, spacer, nut and seal plate
(when modeled) are include for conjugate heat transfer purposes. Figure 1 shows (on the
right) a sketch of the compressor with the main geometric parameters superimposed and
(on the left) a middle plane with all the fluid and solid domains clearly highlighted, while
in Table 1 the primary non-dimensional geometric ratios of the configuration are provided.

Figure 1. Middle plane of the compressor with the different solid and fluid domains highlighted
(left) and sketch of the reference centrifugal compressor with the main geometrical parameters
superimposed (right).

Table 1. Geometrical non-dimensional data of the reference compressor.

Geometric Parameter Value

Impeller blade number: Zb 6 main + 6 splitter blades
Span at diffuser inlet: b4/R4 0.0706

Radius at rotor leading edge hub: RLE,hub/R4 0.1755
Radius at rotor leading edge tip: RLE,tip/R4 0.7166

Radius at diffuser outlet: R5/R4 1.5323
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3. Numerical Model
3.1. Governing Equations

The mathematical formulation is based on the Reynolds-averaged Navier–Stokes equa-
tions. The conservation of mass and momentum is expressed in the Eulerian conservative
divergence form:

∂ρ

∂t
+∇·

(
ρ
→
u
)
= 0 (1)

∂
(

ρ
→
u
)

∂t
+∇·

(
ρ
→
u ×→

u
)
= −∇p +∇·τ + SM (2)

In this formulation, τ represents the tensor of normal and tangential stresses caused by
viscosity, while SM denotes the momentum source term. The k-ω SST turbulence closure is
used to model the Reynolds stress tensor and thus describe the momentum source. This
model is designed to combine the precision of the k-ω model in wall-adjacent regions with
the robustness of the k-ε model in the free-stream flow. It differs from the standard k-ω
formulation by including several additional terms. A blending function switches between
the k-ω and k-ε models based on the local value of y+, which indicates whether the flow
is near the wall or in the free stream [39,40]. This approach also introduces a revised
formulation for the eddy viscosity, along with modified constants. The model is governed
by a set of additional transport equations, as follows:

∂

∂t
(ρk) +

∂

∂xi
(ρkui) =

∂

∂xj

[
Γk

∂k
∂xj

]
+ Gk−Yk + Sk (3)

∂

∂t
(ρω) +

∂

∂xj

(
ρωuj

)
=

∂

∂xj

[
Γω

∂ω

∂xj

]
+ Gω−Yω + Dω + Sω (4)

In this formulation, Gk corresponds to the generation of turbulence kinetic energy
caused by mean velocity gradients, while Gω represents the generation term for the specific
dissipation rate. Yk and Yω are the terms accounting for the dissipation of turbulence
kinetic energy and specific dissipation rate, respectively; finally, Sk and Sω denote the
source terms for these quantities.

The diffusivity is obtained by the following equations:

Γk = µ +
µt

σk
(5)

Γω = µ +
µt

σω
(6)

The eddy viscosity is finally computed with:

µt =
ρk
ω

1

max
[

1
a∗ , SF2

a1ω

] (7)

The model constants are: σk,1 = 1.176, σω ,1 = 2.0, σk,2 = 1.0, σω ,2 = 1.168, α1 = 0.31,
βi,1 = 0.075 and βi,2 = 0.0828.

Furthermore, the resolutions of the energy equation in the fluid domains, with the
following equation:

∂(ρht)

∂t
− ∂p

∂t
+∇·(ρuht) = ∇·(λ ∇ T) +∇·(u·τ) + u·SM + SE (8)
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where the total enthalpy is equal to:

ht = h +
1
2

u2 (9)

To take account also the heat transfer in the solid regions, well known as conjugate
heat transfer, the following conservation of energy equation is solved:

∂(ρh)
∂t

+∇·(ρush) = ∇·(λ ∇ T) + SE (10)

3.2. CFD Models

The CFD simulations have been performed with three main steady numerical models:
the full adiabatic model, the CHT only wheel and the CHT complete. The commercial soft-
ware Ansys CFX v. 17.1 was used to solve the Reynolds-averaged Navier–Stokes equations.
In Figure 2 a scheme of the thermal boundary conditions adopted for the different three
models is reported, where the corresponding domains considered are represented.

Figure 2. Scheme of the thermal boundary conditions adopted for the different models.

3.2.1. Full Adiabatic Model

This model consists of the intake duct, impeller (with main blades and splitter), diffuser
(with a convergent duct for stability reasons) and back cavity; all domains have an angular
extension of 360◦, while the volute has not been modelled (outside the scope of this work).
This model is the complete fluid-only representation of the stage. It has the scope to be able
to calculate the performance and the fluid structure, by neglecting the effect of the coupled
heat exchange.

The stage (impeller and diffuser) has been discretized with Ansys Turbogrid through
a structured grid in a single channel with hexahedral elements using the ATM optimized
topology; this channel has been then replicated for 360◦. Also, the entire intake domain,
with the real geometry on the hub, identified by the shaft and nut surfaces, has been
discretized using a structured grid but with a O-grid topology created in ICEM CFD from
the Ansys CFD platform; instead, the back cavity has been discretized with an unstructured
mesh with this last software. Particular emphasis was placed on grid refinement near
the walls of each component to ensure that the y+ value remained below unity, which is
crucial for accurately capturing the boundary layer. To properly model the blade geometry,
including the tip clearance gap, at least 50 computational cells were allocated along the
spanwise direction of the blade. Additionally, the unstructured grid was refined with the
creation of ten prismatic layers to effectively resolve the boundary layer dynamics. The
grid cells in regions of high curvature were sized between 2.0 mm and 0.1 mm to maintain
resolution, with tetrahedral elements used throughout the domain. This level of refinement
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ensures that the computational model can capture the detailed flow characteristics near the
walls, where gradients in velocity and turbulence are most pronounced. As regards this,
Figure 3 shows the mesh of a stage portion and the complete intake domain, while Figure 4
shows the upper and lower mesh surfaces of the back cavity with the seals.

 

Figure 3. Calculation grid of the intake (with hub details) and of a single channel of the stage (impeller
and diffuser).

Figure 4. Calculation grid of the back cavity: upper surface (left) and lower surface (right).

The global mesh of the model consists of about 15 Mcells, where the grids of a stage
channel are distributed as follows: 1.3 million cells for the impeller and 800 thousand
cells for the diffusers, while the grids of the intake and back cavity consist, respectively,
of 1.1 Mcells and 1.2 Mcells. A mesh sensitivity analysis was conducted to identify the
optimal grid resolution that does not show significant performance variations when a finer
mesh is applied. This analysis was based on the mesh parameters from earlier studies
on the compressor stage [31–33]. In this case, the sensitivity analysis focused specifically
on the additional fluid component, i.e., the back cavity, where three distinct grids with
varying global mesh sizes were tested. Table 2 presents the global corrected pressure ratio
(PRcor) within the compressor and the MRF passing through the cavity under near-surge
conditions (OP1) for each of the different grid configurations. Among these, the second
configuration with 1.2 million cells was determined to be the most suitable, serving as
the reference grid for subsequent simulations. This analysis ensures that the chosen grid
provides sufficient accuracy without unnecessary computational cost, ultimately leading to
a more efficient simulation setup.
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Table 2. Mesh configurations used to determine the mesh sensitivity with the PRcor and the mass
flow rate through the back cavity.

Mesh Cell Number
(Mcells) PRcor

MRF
[%]

M1 0.8 0.977 0.49
M2 1.2 0.980 0.45
M3 1.6 0.980 0.45

The turbulence model implemented in this study is the k-ω SST, which has gained
widespread adoption for modeling the flow within centrifugal compressors due to its
proven ability to reliably predict both the flow field and compressor performance under a
broad range of operating conditions [41]. In the simulations, the total energy equation was
activated and air was modeled as an ideal gas for simplicity and accuracy. The boundary
conditions applied were as follows: at the inlet, the total pressure, total temperature and
a medium turbulence intensity of 5% were specified. For the diffuser outlet, the mass
flow rate condition was set, except in near-choking conditions, where the static pressure
boundary condition was instead employed, while at the outlet of the seal cover from the
back cavity a pressure outlet ambient condition has been imposed. At the impeller a
uniform rotational speed has been set, so the adduction–impeller and impeller–diffuser
interfaces were modeled with the frozen rotor options, as well as the interface between
the impeller and back cavity. All the walls have been set as no-slip, with the exception
of the upstream hub and the upper surface of the back cavity which were set as rotating
walls, while a counter-rotation velocity has been used for the impeller shroud. All the walls
are adiabatic; no heat exchange with the external environment is taken into account in
this model. Finally, all equations were solved using second-order numerical schemes and
steady-state simulations were conducted with this model. The convergence was assessed by
monitoring global performance indicators, namely pressure ratio and efficiency, ensuring
that stable values were reached. Each simulation required approximately 2000 iterations to
achieve convergence.

A validation of this fluid dynamic model has been caried out in previous works by
comparing the numerical results with detailed experimental data [31,34].

3.2.2. CHT Only Wheel

In this model there are the same fluid domains with the same settings described for the
full adiabatic model, with the addition of the following solid domains to be able to simulate
the coupled heat exchange: rotor (without fillets), shaft, nut and spacer; these components
were discretized with unstructured grids of 1.4 Mcells, 90 thousand cells, 30 thousand
cells and 300 thousand cells, respectively. On the surfaces, the same ranges of minimum
and maximum cell sizes have been used so as to have congruent meshes in the interfaces.
Figure 5 shows the meshes of the four solid components here included.

The rotor has been assigned the solid properties of the aluminum, while appropriate
steel has been considered for the other three components. For all solid domains a uniform
rotational speed has been set. The fluid–solid and solid–solid interfaces have been modelled
with zero thermal resistance. Furthermore, a condition of uniform temperature has been
assigned in the lower portions of the shaft and spacer in contact with lubricating oil; instead,
the walls of the shroud and of the entire diffuser have been left adiabatic.
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Figure 5. Calculation grid of the solid domains: shaft, nut, rotor and spacer (from left to right).

3.2.3. CHT Complete

This model, compared to the previous CHT, includes also the seal plate among the solid
domains, in order to allow complete and even more realistic simulations with conjugated
heat exchange. The seal plate has also been discretized with an unstructured grid, with
the same characteristics as the previous solid components; it has a global mesh size of
1.3 Mcells, bringing the total model to over 18 Mcells. Figure 6 shows the mesh of the upper
and lower surfaces of the seal plate.

Figure 6. Calculation grid of seal plate: upper surface (left) and lower surface (right).

The seal plate was modelled stationary and with the aluminum properties. This
component is interfaced to the back cavity and hub stage, where an appropriate patch has
been created in the lower portion of the impeller; in this case, a zero thermal resistance was
also imposed between the solid component and the fluid domains. Among the remaining
walls of the seal plate, an adiabatic condition was set for the upper faces, while the lower
surface was divided into two: up to the intermediate radius (before the triangular details
evident in the previous figure) a uniform temperature was set (where the lubricant oil is
in contact), while the remaining external part exchanges with the outside with the heat
transfer coefficient γ = 20 W/m2K at ambient temperature; the previously evaluated heat
transfer coefficient is consistent, as the hot surface is not excessively large. This conditioning
on the seal plate will be defined as the baseline in the following.
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4. Results
In this section, the main effects on compressor performance have been evaluated

by taking into account the conjugated heat exchange between the fluid domains and the
solid components, with models of different degrees of complexity. Therefore, the main
aim is to quantify the error in using a simpler adiabatic numerical model compared to
more complex cases with CHT. An analysis of the effect of the back cavity has been also
performed. Subsequently, an in-depth thermal analysis with temperature and heat flux
distributions has been carried out to aid in the understanding of the identified performance
variations. Finally, some different boundary conditions have been simulated to evaluate
the possible uncertainty in the results, in particular regarding the seal plate and secondly
regarding the shroud. All the evaluations have been carried out in the mass flow rate range
of the design iisospeed, to show that not negligible deviations already occur for this regime.

4.1. Comparison Among Full Adiabatic, CHT Only Wheel and CHT Complete Models

To evaluate the performance differences, the pressure ratio (Equation (11)) and the
isentropic adiabatic total-to-total efficiency (Equation (12)) are considered as key parameters.
These are calculated between the adduction duct inlet (model inlet—section 0) and the
diffuser outlet (section 5). They are reported in a corrected form, by dividing these quantities
for the ones corresponding to the design point, due to a non-disclosure agreement. In the
literature there is also a diabatic isentropic efficiency, which implements the correction of
subtracting the thermal flow that reaches the compressor from the turbine; if this were not
considered, it would lead to an underestimation of the correct efficiency (called apparent
in this case) because there would be an additional temperature difference [42,43]. In this
work, however, thermal flows coming from the turbine have not been considered, but only
a constant temperature condition is fixed for the lower shaft and spacer; therefore, the
definition of efficiency shown is correct and allows to take into consideration and quantify
the internal losses due to the heat exchange of the compressor with the CHT models.

PR =
pt5

pt0
(11)

ηtt,adiab =

[(
pt5
pt0

)(k−1)/k
− 1

]
[(

Tt5
Tt0

)
− 1

] (12)

4.1.1. Global Performance

This section compares the performance of the centrifugal compressor at the reference
isospeed in the cases of an adiabatic model without solid domains, of the CHT only wheel
model and of the more complete one also including the seal plate. Figures 7 and 8 show
the corrected pressure ratio and corrected efficiency curves, respectively, calculated as
previously shown, while Table 3 shows the percentage variations with respect to the
adiabatic case.

Table 3. Percentage variations of the performance in the CHT models with respect to the full adiabatic
model, under different operating conditions.

Case OP1
PR; η

OP2
PR; η

OP3
PR; η

OP4
PR;η

CHT only wheel −2.04%; 1.50% −1.05%; −0.68% −2.14%; −1.70% −0.72%; −1.19%
CHT complete −1.55%; 4.11% −0.71%; 1.22% −1.98%; −0.39% −0.60%; −0.1%
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Figure 7. Comparison of the corrected pressure ratio curve of the centrifugal compressor calculated
with the full adiabatic, the CHT only wheel and the CHT complete models.

 

Figure 8. Comparison of the corrected isentropic efficiency curve of the centrifugal compressor
calculated with the full adiabatic, the CHT only wheel and the CHT complete models.

First of all, it can be noted that the pressure ratio in CHT cases is lower than in the
adiabatic case. In fact there are internal losses due to the heat transfer that goes upstream
from the outlet; this heat brings the fluid at the compressor inlet to a slightly higher
temperature, with a lower density and more complex to compress. In more detail, a
reduction of 2% was quantified for the simpler CHT model for the near-surge condition
OP1, which is reduced to 1.5% in the complete model; towards choking, a similar reduction
was observed in the CHT models, a reduction which decreases for the condition of best
efficiency OP2 and also in this case in both CHT cases. The smaller variations detected by
the complete CHT model are due to the seal plate which disperses part of the heat flow
with the outside, reducing the amount of recirculating heat flow upstream.

As regards the efficiency, an opposite behavior was observed based on the operating
range. At higher mass flow rates, both CHT models have a lower efficiency than the
adiabatic case due to the greater difficulty in compressing a hotter fluid, while towards
the surge, these models detect a greater heat loss to the outside which reduces the total
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temperature at the compressor outlet, which is correlated to the work expended by the
compressor in the denominator of Equation (12). This heat loss to the outside is greater if
the seal plate is also modelled.

4.1.2. Back Cavity

The presence of the back cavity as a fluid domain to be included in the simulations is
of considerable importance, even in the presence of adiabatic models [44,45]. To evaluate
the effect of its presence, Table 4 shows the percentage variations in the performance of the
full adiabatic case without the back cavity compared to the case with it.

Table 4. Performance variations in the full adiabatic model without the back cavity with respect the
case with it, under different operating conditions.

OP1
PR; η

OP2
PR; η

OP3
PR; η

OP4
PR; η

2.17%; 1.07% 1.83%; 0.14% 2.02%; 0.3% 0.98%; 0.86%

There are overestimations of an average of 2% in the case without the back cavity
for the PR, while minor deviations have been observed on the efficiency; these deviations
are more evident towards the surge. In fact, the presence of the cavity is responsible for
leaks, which lower the pressure at the impeller outlet, due to the leakage flow out of the
seals. This leakage is higher at lower mass flow rates, because greater pressure increases are
realized in the stage, which generate a greater MRF; under the OP1 condition the leakage
mass flow rate reaches 0.45% with respect to the main flow in the stage and is therefore no
longer negligible. Efficiency losses are mainly due to mixing effects that can occur between
the main and the leakage flows.

4.1.3. Thermal Analysis

To better understand the reasons of the previous performance variations, the tem-
perature distributions and heat transfer contributions between the various compressor
components have been analyzed in more detail. First of all, Figure 9 shows the corrected
temperature distributions on the impeller hub for the OP2 condition of the three mod-
elled cases.

The distribution shows that compared to the adiabatic case, the two CHT models have
more limited temperature gradients; in particular, due to the heat transfer from downstream
to upstream, the inducer area has higher temperatures than in the adiabatic case. Instead,
comparing the two CHT cases, the main difference occurs near the trailing edge, where
in the case with also the seal plate slightly lower temperature values have been detected;
in fact, in this last case, there is a heat transfer towards the outside through the thermal
conduction in the seal plate. Quite similar considerations can also be made for the other
operating conditions, for which the contours have not been reported for brevity reasons.
Then, Figure 10 shows the internal corrected temperature distributions in a middle plane
for the conditions OP1 and OP3, for the two CHT models.
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Figure 9. Corrected temperature contours on the hub, main blades and splitters for the full adiabatic,
CHT only wheel and CHT complete models, under the OP2 condition.

 

Figure 10. Corrected temperature contours on the rotor middle plane for the CHT only wheel (lower)
and CHT complete (upper) models, under the OP1 (left) and OP3 (right) conditions.
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This representation shows better the temperature differences in the trailing edge region
under the same operating conditions, due to thermal conduction in the seal plate. In fact, in
the CHT only wheel model, the fluid that leaks into the cavity under the wheel is modeled
with an adiabatic condition with respect to the outside, while in the complete case this
flow exchanges heat with the seal plate. This aspect has been highlighted in Figure 11,
where higher temperature values in the CHT only wheel model have been highlighted.
On the other hand, by comparing the two operating conditions OP1 and OP3 in Figure 10,
higher temperature values are highlighted for the lower mass flow rate condition, because
there is a greater pressure increase in the fluid despite a smaller flow quantity; therefore,
under this condition the heat transfer from downstream to upstream is greater leading to
a greater difference in performance towards the surge between the CHT models and the
adiabatic one. Finally, in all cases it is observed how following the axial direction of the
rotor the isotherms assume a radial pattern from constant to parabolic, generating higher
thermo-mechanical stresses towards the trailing edge.

Figure 11. Corrected temperature contours of the fluid on a back cavity plane for the CHT complete
(left) and CHT only wheel (right) models, under the OP1 condition.

To further analyze the temperature difference trend along the impeller hub, Figure 12
shows the temperature distributions referred to the inlet total temperature for each operat-
ing condition, with the three different models.

 

Figure 12. Ratio trends between the impeller hub temperature referred to the inlet total temperature
for the full adiabatic, CHT only wheel and CHT complete models, under the OP1 condition.

These distributions show an almost linear trend on the temperature field on the im-
peller hub along the meridional coordinate in the CHT cases; moreover, higher temperature
values at the inlet have been obtained than in the adiabatic case. Between the two CHT
models, the more complete one has lower values than the only wheel case due to the
heat exchange with this additional component; furthermore, it is quite evident how this
difference is more marked at the trailing edge. Figure 13 shows the distributions of the
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ratio between the temperature obtained in the CHT models on the impeller hub and the
one measured in the adiabatic case, for different operating conditions.

Figure 13. Ratio trends between the impeller hub temperature obtained in the CHT models and the
temperature obtained with the full adiabatic case under different operating conditions: for the CHT
only wheel (left) and CHT complete (right) models.

These distributions quantify the dispersion of the values found in the respective CHT
model with respect to the values found in the adiabatic model. It can be seen how the
values detected in the CHT models are higher for almost the entire meridional coordinate,
presenting the maximum deviation of about 20% just before the middle; instead, at the
trailing edge they are underestimated with respect to the adiabatic case. Between the two
CHT cases, the curves of the complete case have values that are approximately 5% lower
from the peak to the outlet. In both distributions it is highlighted how the curves have
the same trend for all operating conditions, but they are shifted towards lower values
when the operating flow rate increases. Such distributions can be useful for the eventual
development of simplified models that do not include solid domains, to which a more
correct conditioning is assigned instead of the more common adiabatic condition.

To analyze the thermal flows in the fluid domains with the various components,
Figure 14 shows the histograms of q/|Qtot| [%] on the various patches, in the two CHT
models, for the different operating conditions. It represents the ratio between the thermal
flux q [W/m2] exchanged on a given patch to the sum the thermal fluxes of all patches (of
the appropriate component) in absolute values, i.e. |Qtot| [W/m2]. The positive values
mean that the thermal flow enters the fluid, while on the contrary the negative sign means
that the thermal flow leaves the fluid domain.

By analyzing the intake domain, no particular differences are found between the two
CHT cases, where a thermal flow (coming from downstream) enters the fluid distributed
between the nut and the shaft for 60 and 40%, respectively. On the other hand, in the
impeller significant differences were found between the two different models: in the CHT
only wheel case, from the hub there are only thermal flows entering, where the hub is the
component with the greatest entering thermal flow, followed by the main blade and the
splitter with halved values; instead in the case with the seal plate, it is this last component
that exchanges more and in particular that receives the hotter flow that dissipates towards
the external environment. Actually, to obtain an absolute value of the thermal power, it is
necessary to multiply the thermal flux by the exchange area, even if in the case between
the impeller and the seal plate this area is rather modest. However, it follows that in
the complete CHT case the thermal flows entering from the hub and from the blades are
lower, and therefore the temperature values are lower than in the CHT only wheel case, as
previously observed. Finally, in the cavity for both models there are thermal flows coming
out of the fluid domain; in fact here there is a higher temperature flow coming from the
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impeller outlet. In particular, in the CHT only wheel case, the heat flow enters the rotor
mainly from the wheel and less from the spacer; on the other hand, in the complete CHT
case, the seal plate also comes into play which absorbs thermal power, removing it from the
possibility of returning to the main flow from the wheel. The latter aspect is more evident
for lower mass flow rates. For further information, Table 5 shows the energy exchanged by
the seal plate with the various fluid domains under the OP1 condition.

Figure 14. Histograms of the thermal flux ratio with the solid components for the different fluid
domains for the CHT complete (upper) and CHT only wheel (below) model, for different operat-
ing conditions.

Table 5. Thermal power exchanged by the seal plate with different fluid domains, for the OP1 condition.

E [W]
Impeller

E [W]
Cavity

E [W]
Diffuser

E [W]
Oil

E [W]
Ambient

126.6 236.6 786.4 −1117.4 −32.2

It can be seen how the seal plate dissipates with the outside mainly due to the part in
contact with the lubricating oil, while it receives heat above all from the diffuser (where
the fluid with the highest energy is present) and continuing in decreasing importance level
from the cavity and the impeller (which has the smallest portion of the exchange area).

4.2. Effect of the Seal Plate Conditioning

Given the importance of the seal plate for a more correct evaluation of the performance
and heat exchanges between the compressor components, various boundary conditions
have been considered. Initially, a different subdivision of the boundary conditions on the
lower wall of the seal plate with different extension of the relative patches was simulated;
while subsequently the influence of the oil temperature in the region of the seal plate close
to the shaft was measured.

4.2.1. Different Patches

As regards the different patches on the lower surface of the seal plate, two cases have
been considered in addition to the baseline one, where up to an intermediate radius a
constant temperature is fixed, while from the intermediate to the maximum radius the
heat exchange with the environment is considered by setting the convective coefficient
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γ = 20 W/m2K and an ambient temperature. Then, an adiabatic case is defined, in which
an adiabatic condition was established on the internal surface up to the intermediate radius,
while in the subsequent portion the same condition of convective exchange with the envi-
ronment; finally in the third case, called reduced, the condition of constant oil temperature
was reduced to a very limited region (highlighted in green), then in an intermediate region
(in orange) the adiabatic condition is set, then from the intermediate radius again the
heat exchange with the environment is defined. Figure 15 shows a scheme of the three
different cases.

Figure 15. Boundary condition scheme of the different seal plates modeled.

Figure 16 reports the distribution of the ratio T/Tt1 along the hub for the three cases,
under the OP2 condition.

 

Figure 16. Ratio trends between the impeller hub temperature referred to the inlet total temperature
for the different seal plate conditionings, under the OP2 condition.

From this trend, which is also quite similar for the other mass flow rates, it can
be observed how the adiabatic and reduced cases overestimate the temperature with
maximum deviations obtained towards the trailing edge, respectively, of 7% and 5%. It is
therefore clear how reducing the extension or eliminating the fixed oil T-zone reduces the
heat dissipation from the seal plate and consequently the rotor stays hotter. To evaluate the
performance influence of the different boundary conditions, Table 6 reports the performance
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variations of the adiabatic and reduced cases with respect to the baseline under different
operating conditions, for the reference isospeed.

Table 6. Percentage variations of the performance in the adiabatic and the reduced cases with respect
to the baseline case, for different operating conditions.

Case OP1
PR; η

OP2
PR; η

OP3
PR; η

OP4
PR; η

Adiabatic −0.35%; −2.37% −0.29%; −2.0% −0.19%; −1.39% −0.07%; −1.23%
Reduced −0.25%; −1.79% −0.21%; −1.51% −0.18%; −1.04% −0.05%; −0.86%

From the comparison, it is evident (in order of increasing effect) how the reduced case
and the adiabatic case show lower performances regarding both the PR and especially the
efficiency, because by removing less heat to the outside, the amount of heat recirculating
from downstream to upstream is greater; hence the fluid to be compressed remains at a
slightly higher temperature, at a lower density, and is more difficult to compress for the
same amount of work. These variations are more marked at lower mass flow rates.

4.2.2. Different Oil Temperatures

In this case, the uniform temperature fixed on the patch containing lubricating oil
has been varied with respect to the original condition of the seal plate. Table 7 reports the
performance variations by varying the oil temperature with respect to the original case, for
the reference isospeed.

Table 7. Percentage variation of the performance with the different oil temperatures with respect to
the original condition, for different operating conditions.

Case OP1
PR; η

OP2
PR; η

OP3
PR; η

OP4
PR; η

75%*Toil 0.02%; 0.02% 0.01%; 0.01% 0.06%; 0.02% 0.01%; 0.04%
125%*Toil −0.01%; −0.04% −0.01%; −0.04% −0.13%; −0.19% −0.01%; −0.01%
150%*Toil −0.04%; −0.09% −0.04%; −0.06% −0.22%; −0.22% −0.02%; −0.03%

In this case, extremely limited variations in the PR and efficiency have been found,
highlighting how the uncertainty of this parameter leads to completely negligible errors.
However, by analyzing the trend in more detail, it can be observed that as the lubrication
temperature increases, there is a slight decrease in the PR. In this regard, Figure 17 shows
the corrected temperature distributions on the middle plane of the rotor with the different
temperatures of the fixed oil, under the OP2 condition.

From these distributions it can be observed that in the case of higher oil temperatures
the temperature in the rotor remains slightly higher with the same isotherms translated
towards the inlet. Therefore, it is clear that the fluid to be compressed is hotter, less dense
and therefore more expensive to compress. This is also favored by the lower heat exchange
of the hot fluid with the back rotor face which leaks into the cavity, due to the lower thermal
gradient which is created with a higher oil temperature condition.
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Figure 17. Comparison of corrected temperature contours on the rotor middle plane for different oil
temperatures, under the OP2 condition.

4.3. Effect of the Heat Exchange of the Shroud

Finally, in this sub-section the effect of the thermal exchange of the shroud with the
outside has been also evaluated. So, instead of setting the adiabatic condition, a correct
transmittance at an external ambient temperature was imposed, without including the
respective solid domain. To model the shroud, the thermal transmittance relationship of a
cylindrical shell (Equation (13)) for the section from the inlet to the impeller outlet and the
transmittance of a flat plate (Equation (14)) for the section of the diffuser are used. These
transmittances consider both the thermal conduction in the solid (assumed with a uniform
thickness equal to 5 mm) with a thermal conductivity K = 151 W/mk and the thermal
convection with the outside through the convective thermal coefficient γ = 20 W/m2K.

U =
1

Rext ln
(

Rext
Rint

)
K + 1

γ′′

(13)

U =
1

1
K + 1

γ′′
(14)

Table 8 reports the performance variation in the shroud case with transmittance with
respect to the adiabatic shroud, for different operating conditions.

Table 8. Percentage variations of the performance in the case with the shroud heat exchange with
respect to the adiabatic shroud, for different operating conditions.

OP1
PR; η

OP2
PR; η

OP3
PR; η

OP4
PR; η

0.05%; 0.08% 0.02%; 0.06% −0.11%; −0.02% −0.01%; 0.07%
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This effect on performance is completely negligible; in fact the energy dissipation to
the outside and the lowering of the inlet temperature (and consequent density increase)
tend to compensate for each other. In particular, a positive effect on the PR begins to be
noticed at minimum flow rates, where it is therefore less expensive to compress a slightly
colder fluid.

5. Conclusions
In this work different CFD models including the real solid components of a centrifugal

compressor for turbocharging have been presented to simulate conjugate heat transfer.
The first model includes the rotor as a solid component, while the second more complete
one also includes the seal plate, in order to quantify the deviation that is detected in
the performance compared to an adiabatic model, under different operating conditions.
Differences of between 1 to 2% have been found in the pressure ratio and differences of up
to 4% in isentropic efficiency, which would cause coupling problems with the turbine if not
considered. Through thermal analysis it has been observed how the thermal flow coming
from downstream to upstream heats the flow before the leading edge, lowering the density
of the fluid and making it more difficult to compress. When the seal plate is included, it
reduces the amount of this heat recirculation, partially removing it towards the outside;
consequently, the temperature obtained at the impeller outlet is partially lowered, but the
negative effect of the fluid overheating at the impeller inlet is also reduced. Furthermore,
the importance of the presence of the back cavity to be modelled has been verified, not only
in CHT models, but directly for the adiabatic model. Then, different boundary conditions
on the seal plate have been considered, with a different extension of the patches on its lower
surface and a different lubricating oil temperature, in order to evaluate the uncertainty
of the performance and of rotor temperature. It was found that reducing the contact area
between the seal plate and the lubricating oil limits heat transfer to the outside, while
changes in oil temperature have a minor impact. However, increasing the oil temperature
reduces heat dissipation to the external environment. The impact of heat exchange between
the shroud and the external environment was assessed by introducing an appropriate
thermal transmittance. This revealed a trade-off between external energy dissipation and a
reduction in compressor inlet temperature, leading to an improved compression process.

The main objective was to conduct a sensitivity analysis on the performance and
temperature distribution for a centrifugal compressor rotor using a CFD model with CHT
at different complexity levels compared to the adiabatic conditions. The final goal was to
determine the accuracy required in the rotor temperature profiles needed to set boundary
conditions and thermal loads in the thermo-structural simulations of the rotor.

In a future work, the development of an analytical model will be presented, de-signed
to calibrate thermal loads without resorting to computationally expensive CFD simulations
with CHT models. This analytical model will allow for a faster determination of the internal
temperature distribution on the rotor while maintaining a good level of precision, thus
providing a valuable alternative for the thermal analysis of compressors during the design
and optimization phases.
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Nomenclature

b Span height
E Thermal power
h Enthalpy
k Turbulent kinetic energy
K Thermal conductivity
ṁ Mass flow rate
MRF Mass flow ratio
p Static pressure
PR Pressure ratio
q Thermal flux
Q Total thermal flux
R Radius
t Time
T Temperature
u Velocity
U Thermal transmittance
Y+ Non dimensional boundary layer distance from wall
Zb Blades number
γ Thermal convective coefficient
ε Rate of dissipation of turbulent kinetic energy
η Efficiency
µ Viscosity
ρ Density
τ Tensor of tangential and normal stress
ω Specific rate of dissipation
Subscripts
0 Model inlet (adduction duct inlet)
4 Diffuser inlet
5 Diffuser outlet
amb Ambient
cor Corrected
ext External
int Internal
LE Leading edge
t total
TE Trailing edge
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